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Lateral Dynamics and Stability
Analysis of a Gas Compressor
Supported by Hybrid and Active
Lubricated Multirecess Journal
Bearing

Fluid film forces are generated in multirecess joairbearings by two types of lubrication

mechanism: the hydrostatic lubrication in the begrirecesses and hydrodynamic
lubrication in the bearing lands, when operating riotation. The combination of both

lubrication mechanism leads to hybrid journal beas (HIB). When part of hydrostatic
pressure is also dynamically modified by meansydfdulic control systems, one refers to
the active lubrication, resulting in the active highjournal bearing (AHJB). The AHJB is

mathematically modeled based on the Reynolds’ emsin land regions and a set of
modified continuity equations for the lubricantwildn the bearing recesses, coupled to
equations describing pressure and flow in the seaii@s. The solution of such a set o
equations allows the determination of fluid filniffeess and damping coefficients of the
hybrid and/or active lubricated bearing. Such ciméhts are a function of design and
operational parameters, characterized by the Sorfetftenumber as well by the gains of
the feedback control system. The main contributibthe present theoretical work is to

analyze the stability characteristics of a flexilt#or-bearing system by using passively
and actively lubricated hybrid journal bearing. THgnamic of a flexible rotor is modeled

by using finite element method and, after couplimgbearing dynamic coefficients to the
rotor model, the feedback control law is definedl an suitable set of control gains is

calculated for the active lubrication, leading torator with a wider and more safety

operational frequency range.
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(industrial gas compressor) with the aim of attéimgarotor lateral

vibrations. In the hybrid lubrication case, the tosiatic pressure in
all four recesses is statically modified, allowiy adjustment of the
bearing stiffness. In the active lubrication cathes pressure and

Introduction

Aiming for the vibration reduction in rotating mawcas to safety

levels, new mechanisms for dissipating vibratioergg have been
developed, like seal dampers (Vance and Li, 198yeeze-film
dampers (San Andrés and Lubell, 1998), hybrid szrHitm

dampers (El-Shafei and Halthout, 1995), hydrautitva chamber
systems (Ulbrich and Althauss, 1989; Althaisal, 1993; Santos,
1995), variable impedance hydrodynamic journal ibgar

flow into opposed pair of recesses are dynamicalbdified with
help of servo-hydraulic control. It results in agrsficant
modification of fluid film forces and, consequentliy an active
modification of bearing stiffness and damping cioehts. The
mathematical model of hybrid journal bearings pnése by Ghosh
et al (1989) and Guhat al (1989) is extended by including the

(Goodwin et al, 1989), actively lubricated tilting-pad bearingsdynamics of servo control system, as presentedabyoS and Russo

(Santos, 1994; Santos and Russo, 1998; Santos iankbt, 1999;
Santos and Scalabrin, 2003), active-controlled dstétic bearings

(1998). A multirecess hybrid journal bearing witttiee lubrication
is termed active hybrid journal bearing (AHJB). TAEIJB static

(Bently et al, 2000), magnetized journal bearings lubricatethwi and dynamic coefficients are numerically calculdbgdsolving the
Ferro fluids (Osmaret al, 2001), and actively lubricated hybrid complete set of continuity equation in recessesionsg and

multirecess journal bearings (Santos and Watar2{8s3 and 2004).
Recent theoretical and experimental investigaticelated to
active lubrication have been shown the feasibitifyattenuating

Reynolds’ Equation in land regions, as a functibrSommerfeld
number, perturbation frequency, servovalve dynasharacteristics
and feedback control gains. These bearing coeffisj@inder hybrid

rotor vibrations in test rigs with rigid rotors (8as, 1994; Santos and active lubrication regimes, are employed tdyaeastability and

and Russo, 1998; Santos and Nicoletti, 2001; SamdsScalabrin,

feasibility of lateral vibration reduction in a gasmpressor. The

2003; Santo®t al, 2001). The use of active lubrication in tilting- lateral dynamics of the gas compressor is modejedsing finite

pad journal bearings (TPJB) has the strong advardigesulting in
bearings with negligible fluid film cross-couplirgffects between

elements technique. By applying multirecess joub®arings under
hybrid and active lubrication regimes to flexibletar a significant

orthogonal directions. However, this kind of actdteategy can also reduction of lateral vibrations at critical speeatsd a wider and

be applied to hydrostatic or hybrid bearings (Bem al, 2000;
Santos and Watanabe, 2003 and 2004), and to rabHgl bearings
(Santoset al, 2001).

The main contribution of the present theoreticalrkvés to
analyze the feasibility of applying multirecess rjmal bearings
under hybrid and active lubrication regimes to exifile rotor
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more safety operational range are achieved.

Nomenclature

a = circumferential land width, m

Bee, Bpg ,Bxx, Byy = direct damping coefficients, Ns/m

Beg, Bye ,Bxv, Bvx = cross coupling damping coefficients, Ns/m
b = axial land width, m

¢ =radial clearance, m

D= bearing diameter, m
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d = journal diameter, m

e = journal eccentricity, m

fr =rotation frequency, Hz

Oix,02x, 0w, g2 =directgain coefficients, V/m

Osx ,0ax,Jav,Jay = Cross-couplingyain coefficients, Vs/m
h =fluid film thickness, m

E(“’ = film thickness between n-th and (n+1)-th recesses

hr = film thickness vector at the center recesses
Keo = servovalve flow-pressure coefficient/sPa

Ky = servovalve gain, sV

Kee, Koo . Kxx, Ky = direct stiffness coefficients, N/m

Kep, Koe ,Kxv,Kyx = cross coupling stiffness coefficients, N/m

L = bearing length, m

Le = effective recess lengthLé¢=L-a), m
la = axial recess length, m

I = circumferential recess length, m
P = fluid film pressure, Pa

P. = servovalve load pressure, Pa

Pr = bearing recess pressure, Pa

Ps = servovalve supply pressure, Pa
Ps, = bearing steady state supply pressure, Pa
Pr =recess pressure vector

Qr =recess flow matrix

gs = fluid flow vector injected into the recesses
R = bearing radius, m

r =journal radius, m

T = coordinate transformation matrix
t=time, s

t, = recess depth, m

U = servovalve input voltage, V

Ve = effective recess volume matrix
XYZ = inertial coordinate system

xyz = local coordinate system

Greek Symbols

Ze = journal dynamic displacement, m

4é =journal velocity, m/s

AP{" = dynamic supply pressure in n-th recess, Pa
dc = capillary parameter, dimensionless

€ = journal eccentricity ratio, dimensionless

(v = servovalve damping factor

© = recess squeeze parameter, dimensionless

0 = angular coordinate, rad

k = fluid compressibility parameter, Pa

A = angular velocity parameter, dimensionles

u = fluid absolute or dynamic viscosity, N&/m

M = recess compressibility parameter, dimensionless
p = fluid volumetric density, kg/tn

T = time, dimensionless

@ =recess velocity parameter, dimensionless

¢ = attitude angle, rad

W =squeeze or perturbation, dimensionless

Q = journal angular velocity, rad/s

w = perturbation frequency, rad/s

wv = servovalve eigenfrequency, rad/s

Subscripts

0 relative to static or steady state condition
1,2 relative to dynamic or perturbed conditions
| relative to land region

op relative to operation point

r relative to recess
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s relative to supply conditions

v relative to servovalve

X,Y relative to X and Y directions, respectively

€, relative toe and¢ directions, respectively
Superscripts

(n) relative to n-th recess

w' relative to amplitude of generic parameter w

w relative to dimensionless form of generic paramete

ActiveHybrid Journal Bearing - AHJB

The AHJB under investigation has four recessegnad in pairs
in the horizontal Y) and vertical X) directions and numbered as
shown in Fig.la. The conventional passive bearipgration is
warranted by fluid injection into the recesses tiglo capillary
restrictors, at a constant pressure supply . Additionally, for
active dynamic control of the fluid pressure ananpensation of
cross-coupling effects, the flow is injected inbe topposed bearing
recesses pairs, each one of them are connectedrto sontrol
systems. Electro-hydraulic servovalves, journapldisement and/or
velocity transducers and PD (proportional-derivatifeedback
controllers, constitute the servo control systeime Servovalves are
controlled by electrical voltage signald,x and U, , generated by
the combination of journal dynamic displacement aradocity
measurement signals M and Y directions. The main geometric
characteristics of a four recesses hybrid journaaring,
nomenclature and coordinate systems are represienfégl 1.

AHJB Mathematical M odeling

The mathematical model of the HJB is obtained ladlgidoy
using the Reynolds’ equation in the land surfaced the flow
continuity equation in the bearing recesses, asepted by Santos
and Watanabe (2003). The modeling technique useteismall
perturbation method applied to the journal steadyesequilibrium
position (Lund and Thomsen, 1978, and by Ghoshl.et1889).
Within the bearing radial clearancethe journal static eccentricity
and attitude angle are defined Iy and ¢, , respectively, and the
journal dynamic perturbations are defined by tha&l mart of the
harmonic functions given bgle® and ¢fei“t | where el and ¢7
are the perturbations amplitudes. The resultingedsionless fluid
film thickness h =h/c is defined as a function of the dimensionless
eccentricity ratio e=e/c, the attitude angle¢?, the angular
coordinateh=x/R, and the dimensionless timewt.

h =h, +£06/T cosD+e,peTsing 1)
h, =1+¢,cosh

Considering the small perturbation characteristiahe
dimensionless fluid film pressurd = P/P, may be described
similarly to dimensionless film thicknesh , defined Eq.(1), as
follows

B =7 +e[d'R +e 0o @

where, the inde)X0 is relative to steady state condition and the
indexesl and2 are relative to dynamic or perturbed conditions.

The fluid film behavior in the land surfaces ofimite bearing is
described by the three dimensionless Reynolds’temsa given in
Eq.(3-5), deduced by using the Navier-Stokes, oaityi equations
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and Eq.(1-2), considering a isoviscous incompréssfluid, in  where,
laminar flow and including the hydrodynamic and sege effects. 2= 2L

—_ 2
(h& 0F’0J [7} (hog aPoJ A 90 @ NIOHYP(E/R) 2
L) oz % W = 1216/ P (¢/R)
3, 0P 0 (> R D 2 5 a|:>1 Equations (3-5) are solved by using ftrete differencemethod
381 ™ 3 |1 38| 3P 0055 | FI T hO with the boundary condition listed below f&=0 (steady state
, 4 condition) and fok=1,2 (dynamic conditions)

il
+ (B) 9 [I%h(,2 coseaﬂ] =-AsinB+i¥ cosd _
L) oz 0z (a) R(0,2) =0, in the regions of cavitations (land surfaces)

3 B , 3 (b) P« =R™, fluid pressure at the-th recess
i(_3 aﬁ] + i[SRZ coseaﬁj + (RJ i_[@ a—'iz] + (c) A(8,+1) =P (6,-1) =0, for symmetry
20 0 ) 00 0z 0z _ _

®) (@ H<(e Z)=R(0+2m.2), for periodicity

(e) (6 0) =0, for symmetry

2PP
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Figure 1. Active Hybrid Journal Bearing — geometric characteristics and operational principle.

The fluid pressures in the recesses are obtainexpplying the Defining the dimensionless flow as follows) =12uQ/c*Py, »
continuity equation, considering fluid hydrodynamhydrostatic, and applying the continuity equation to all recessesults to the
squeeze and compressibility effects. The recessl fiwessures following vector equation
R™, in the n-th recess, is defined similarly to the fluid film

oh apr @

pressureP as follows s = Or pr +®AR +G¢T +Nve 2P :
T

P = B +ePRMET +e,0TRYE (6)
where,
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= _!{pQ D (2 D@3 D4 |
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Ah :{(ﬁu) - ﬁlw) (ﬁlu) _ﬁu)) (ﬁ(s) - ﬁ(a) (ﬁw) - HS))}
® =6uULe/c?Py

© = 12uwDLesin(1/4)/c?Ps,

M =12uwx/c?
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eccentricity. It was assumed that the cross-cogpligains
coefficients gy and g,, are proportional to the direct gain
coefficients g,y and g,y , respectively, and are related as follows:
gsy =kggiy and gar =kggav, Where kg is the proportionality
constant. The factorkg only influences the cross stiffness and
damping coefficients of the bearing. The inversainone of the
retrofitted displacement signals in Eq.(9) allolws simultaneously
reduction of the cross-coupling stiffness coeffitge The crossed
retrofitting of linear velocity signals should beo@ded, once it
contributes to the increase of the whirl frequeramyo (Santos and
Watanabe, 2004). One can deduce@e expression from Eq.(8),

The fluid flow Gs, injected into the bearing recesses, is resultai dimensionless form

of the combination of the conventional lubricatismpply and the
active lubrication systems, whose main components the
servovalves and the type adopted is a two-stage;way, critical
center or zero-lapped spool electrohydraulic seadxa: In a typical
critical center servovalve, the output spool positis proportional
to electrical signal applied to torque motor coNdovement of the
spool opens an orifice from the constant supplgsuse Ps to one
servovalve port and an identical orifice connecte tother
servovalve port to the return line to reservoipmssureR . In case
of having the bearing recess connected to the rretime via
servovalve port, the value of return pressBrehas to be adjusted in
order to assure a minimum operational pressurehe kearing
recess.

The dynamics of the fluid flow through an unloadedvovalve
can be described by a second order differentiabtiou (Merrit,
1967). The coefficients of such equation, eigenfesmgy wy,
damping factor{, and gain K, are obtained from servovalve
manufacturers (Neal, 1974 and Edelmann, 1986). Batlovalve,
working in orthogonal directionsX and Y, is described
mathematically as a function of the servovalve dyicacoefficients,
the unloaded fluid flowsQ,x and Q,y and the input electrical
voltage signaldJx andU, by

|

The input signalsUx and U, are generated as a linear
combination of journal displacement and velocitnss®s signals,
and can be expressed as

Qux +2ZvonQux + WiQux = WKW

.. . ®
Qu + 20y Quy + Q= WKWy

{U x = Qixdex + gox 4éx + gax ey + Qax L&y ©)

Uy = g dey + gov 4 — gaydex + Jav L€x

where

Je, =, sg, =elle™

A& =inde,, 46, =iwde,
ex = ecost, — edrsing, , e’=esing, +edrcosd

Such a linear combination of journal displacemertd aelocity
signals leads to a PD (proportional-derivative)toalter.

As shown in Fig.1a, the servovalve connected tessesl and
3 is responsible for controlling the journal movetnignX direction,
and the other servovalve connected to recesseand 4 is
responsible for controlling the journal movemenyidirection. For
simplicity, the analysis is presented onlyvidirection.

The unloaded servovalve flowQw can be expressed by

G = (€7 +kge )G, 7

I

-2, Wy WY1y +(.0((.0\2/ —Q)Z)QZY
(007 —w?) gy +20, W, W Yoy

(10)

where,

gk +w’gk
o) — )% + (20 wyw)?

i

The active fluid flow injected ity direction Q, may be given in
the following dimensionless form

_ 12u0Ky
Py,

Gy

by :tg_l{

6\( = 6W - qulsw (11)

where,
Kpg = (an /aHY)op’ RPQ = :|.2LIKPQ/C3
ﬁ\( - PLY/PSO - ﬁs(z) — ﬁs(‘l) = Aﬁs(Z) _Aﬁs(“)

The coefficients Ky and Kpq may be experimentally
determined as shown by Merrit (1967), and usually given by
servovalve manufacturers. Equation (11) is validyan a small
range of the nominal input signal, usuall§%. It is important to
mention that the gaing, and g, have to be chosen respecting the
linear range of the servovalve dynamics, i.e. theximum
amplitude of the control voltage (servovalve inpaignal).
Mathematically, it means that, andU, , given by Eq.(9), have to
be in the range af5% of the nominal voltage . Such an analysis can
only be done knowing the vibration amplitudes a tbtor-bearing
system.

Generally speaking, as it can be seem in Eq.(®)btbger the
rotor displacements amplitudeéf and e/ are, the smaller the
proportional coefficientsg, and g, can be, in order to avoid a
large amplitude of control signaldx and Uy, and the resulting
saturation of servovalve dynamics. Furthermore, ligher the
perturbation frequencieso are, the smaller the derivative gain
coefficient g, can be, if a controller with derivative part isoated,
once the journal velocities amplitudes are give and we!.

Coupling the HIB and servo control system modesults in
the complete mathematical model of AHJB (Santos \Madanabe,
2003), and the total fluid flow injected into theaning recesses are
determined as follows

Ts =Tso + (B Pra + Us1) €76 + (8¢ Pro + Ts) €00 TET (12)

Qw = QR @*v)  once it is proportional to the harmonic journal
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where,Js, , Pr: and pr, are defined similarly tajs and py, and responses, for determining damped critical speedk far rotor
Js. and Js, are injection vectors related to the bearing activstability analysis. For these purposes, represgntite bearing
lubrication system. dynamic coefficients in th&Y inertial coordinate system is more
Defining the following small amplitude perturbatioform for ~ suitable than ine¢ reference system. Equation (19) provides the
hr,Ah and Q; as follows dynamic coefficients conversion between these twference
coordinate systems.

hr =hro + €167 cosB; +£,pesing;

dh = AR +e,6TAm + £0¢1eiTAH2 (13) |:}§><x IEXY } =T |:}fes lfw }T
6 =6 P 8”6 +e ¢ e'T(j Kvx Kw ane KM (19)
r ro T & r1+ &0, r2 _ B -~ _
|:§x>< ?xv :| =T |:§sa ?w :|-|—
where, B, B, B,. By
Q= aa% P Qre = ei aa(ir where, T :{_CO‘S% smo}
e=¢o 0 d=0o sinho  cosPo

Substituting EQ.(12-13) in Eq.(7), and collectirfge tsimilar
linear terms, results the three following equations

T =8¢ (Lua = Pro) = QroPro + PAh, (14)
((Sro +0c! axa +i|—|\7e)5r1 = _(jnﬁro _mAﬁl —i©cosBy + gs; (15)

(Qro +8cl axs +iMVe) Brz = =Qr Pr, —PAh2 ~iOCOD; +Ts, (16)

Numerical Analysisand Results

The bearing and servovalve characteristics adojedhe
numerical simulations of the compressor dynamiqaase are

presented in Tab.1.

Table 1. AHIB geometric and operational characteris

rotor-bearing simulations.

tics adopted for the

journal diameter D =100 mm
The steady state recess pressure vepteris obtained solving  bearing width L=45 mm
Eq.(14), and the dynamic recess pressysasand Pr, vectors are  cjrcumferential land width a=9 mm
obtained by solving Eq.(15) and Eq.(16), respebtive axial land width b=10 mm
recess depth tr=1 mm
AHJB Dynamic Coefficients nominal bearing gap c=90 um
The stiffness and damping coefficients of the AHaBe constant recess supply pressure range Pyp=1.5t04.0 MPa
determined by considering the dynamic restoringderdue to small ~ Servovalve supply pressure R=2Py MPa
amplitude perturbed film pressugte® P, and e, &P, around  lubricant oil dynamic viscosityd(.8C) p=0,015 Ns/rh
the steady state journal equilibrium position, Esspnted by Ghosh lubricant oil density p =900 kg/nt
et al. (1989). Considering the perturbed film puessstel® P, the  centered recess pressure ratio B=05
restoring forces along, and ¢, directions, denoted bW,. and  capillary dimensionless parameter Oc=17.453
Wi , respectively, also can be written as a functibdirearized servovalve eigenfrequency wy = 21320 rad/s
stiffness and damping coefficients. Defining theeinsionless force servovalve damping factor {v=0.55
Wi, =W, /LDPsef’ and the perturbation frequency rabe- wy/Q , the  servovalve gain Ky = 1x10° n/siv
following dimensionless stiffnessK(e , IZ¢£) and damping &, , servovalve linear factor Kpg = 1.8x102 Pa/mils

Bye ) coefficients can be deduced

By applying the shaft and disk finite elements nliode

e ——R{W }_ KeeC v ——Re{W }_ KoeC technique proposed by Nelson and McVaugh (19768, gas
g - el= 68 = )= compressor shaft is modeled wib shaft elements anfi7 nodes,
) LDPy Y DRy (17) _ shait
= Inrj WlE[_ BeeCQ = @{ Wltb} _ BpeCQ as illustrated in Fig.2. _
Bee = o LDP Boe = o LDP Impellers and other machine elements attachedelhiaft are
S0 SO

considered as rigid discs, whose dynamics are jocated into the
model by adding inertia to respective nodes. Heicéhe model,

. . . the impeller are at nod&9, 24, 28, 32 and36; bushes are at nodes
the restoring forces along, and ¢, directions, deno_ted bXVZE 22, 26, 30 and34; a thrust disc sleeve is located at n8da balance
and W, , respectively, the others resultant stiffnes&d, Kep) piston is located at node 38; seal bushes areddaate noded?2
and damping By, Beg) coefficients, by using the dimensionlessand 46, and the coupling is at nodss. The shaft bearings are
force W, =W, /LDPxg.¢F , are given as follows located at node8 and50.

Similarly, considering the perturbed film presseyrel®tp,

Rep =-ReWla) =500 Ry =-Re| g} = 02 w ERARRA TTTTTi .
= MW} _Bwco o im{Wip} _ Beco md—rrrrrrmﬂ_l_lﬂ HI LI
! ® HOR ) @ LR ﬁuﬂ?‘“ﬂi—u 2022 24 26 26 30 32 3436 38 46 %E 55 57

The bearing stiffness and damping coefficients meayused in Figure 2. Rotor compressor finite elements model.

rotor dynamic calculations for unbalance and randabration
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The HJB static and dynamic characteristics wereresively
investigated by considering different design anderafonal
parameters, characterized by the Sommerfeld nurfWetanabe,
2003). Figure 3 shows the journal bearing statimetisionless
pressureR, distribution on the land surfaces and recessesatie
static load resulting from half of the compressaight. The static
dimensionless pressureB’ in the recessed,2,3 and 4 are:
0.33890.468Q 0.7194and0.4715, respectively.

The feasibility of influencing the AHJB dynamic i film
coefficients by the feedback control system gaiasning at
improving the stability of a very simple rotor-beay system was
investigated in Santos and Watanabe (2003). Thepepgation of
the cross-coupling stiffness coefficients and ther@ase of the
direct damping coefficients were proposed in Saatu$ Watanabe
(2004), what leads to rotor-bearing systems witgdathreshold of
stability. Such results are also used in the ptazaper.

As mentioned before, the servovalve input sighéjs and Uy ,
resulting from the gain and feedback signals coatimn, have to

llmar F. Santos and Flavio Y. Watanabe

Fig.4 to Fig.7 illustrate the stiffness and dampaugfficients
behavior of the AHJIB forPs, =1.5 and 3.0MPa One can clearly
notice the influence of rotation frequency and oaingain g, on
the bearing stiffness and damping coefficients. &agiven rotation
frequencyf, , and varying the control gag , may be noticed three
different regions in all figures: two of these mgs at the
extremities of gain axig, present constant values of the bearing
dynamic coefficients and indicate the saturatiorth&f servovalve
dynamics. The third region is located in the midofiehe gain axis
and illustrates the variation of the dynamic caééfits as a function
of the gaing, . For a given frequencyf, such variation can nearly
be described by a linear function.

Comparing Figs. 4 and 5 with Figs. 6 and 7, respelgt it can
be noticed that the inclination of such linear fiimt is strongly
dependent on the supply presstig . Simulation results show that
the higher the supply pressiRg is, the more inclined such a linear
behavior is, indicating the feasibility of obtaigitarge changes of
the dynamic coefficients with the increasePgf. With the increase

be in the range o£5% of the nominal voltage. Besides, bearingf rotation frequencyf, such inclination reduces and the curve

dynamic coefficients are only theoretically validr finfinitesimal
displacements. However, according to Lund and Tleo({¢978),
dynamic coefficients may be used in practical aapions for
amplitudes up to 50% of the bearing clearance.

Based on these information, the following restoics of control
signal and vibration amplitude were applied to thgnamic
coefficients calculations: assuming that the semw@ nominal
input signal range isUx=%10V, the linear actuating signals
amplitudesUy, were restricted te:0.25Vrange, and the dynamic
displacements amplitudes in 20% of nominal bearing gap, i.e.,
€'<0.2¢ resulting

uyg 025
UX = 1+ ko) ok + aPgh, < 222
ex 02c (20)
Uy 025
oo (ko) G+ e < o

The influence of the feedback control gains in thearing
dynamic coefficients is investigated consideringnckyonous
perturbation frequency due to rotor unbalance. eee it is
assumed thag: = gix =g and gz = g2x = gav, and kg, g: and
g, gains are individually varied. It was observedttidae to
servovalve working limitations, the retrofit of weity signals in
high frequencies rapidly leads to the saturationsefvovalve
dynamics. Thus, only the proportional ga@i = gix = g Will be
varied. Assuming thag, =0 and kg =2, the dynamic coefficients of
the AHJB were determined as a function of the gginand the
rotation frequencyf, for different values of supply pressiig .

350

250

700 150 200

6l

Figure 3. HIB dimensionless static pressure
and A=2.

Pg distribution, for  gg=0.25

490 / Vol. XXVIII, No. 4, October-December 2006

becomes more flat, indicating the impossibility athieving
significant changes of the dynamics coefficientgiigh frequencies
due to the limitation of the servovalve dynamic parsse.
Summarizing, if large changes of the bearing coieffits are desired
and a saturation of the servovalve dynamics iseaed due the
amplitude of the control signal, an optional santiis to increase
the supply pressur®s, . Moreover, if the bearing coefficients shall
be changed in high frequencies, higher responsewsre shall
also be used.

Bearing dynamic coefficients, like those preseritedrig.4 to
Fig.7, may be used in the gas compressor finitsmah model to
analyze the rotor dynamic behavior. The rotor uahed response
and the damping rati¢ associated to the first two bending modes
are analyzed in the case of bearing hybrid lubooategime (HJB -
0g:=9.=0) and the active lubrication regime (AHJB), as#gn
g,=0, g,=9x1¢V/m and kg =2. The criteria for choosing a
suitable value for control gairg, is based on the increasing of
damping factor of the first two bending modes & thtor inX and
Y directions. It is worth to mention that such valweere carefully
chosen without destabilizing the higher bending ensidlapes.

Fig.8 illustrates the behavior of the damping rdtiof the first
two rotor bending modes, as a function of the rotafrequency, for
two different values of the bearing supply presséxge (1.5 and
4.0MPg when the bearing operates in the passive (HJBctve
(AHJB) lubrication modes. By analyzing these twapdrics, one
can notice a significant reduction of the dampimgior{ as a
function of the increase of the rotation frequenty and of the
supply pressurés; .

The increase of the rotation frequency leads tdabikity
problems when(<0. In the case of instability the gas compressor
will vibrate according to its first bending mode aple. For
Ps, =1.5MP3, the instability will occur at the rotation frequay of
131Hzin the case of HIB and @b61Hzin the case of AHJB. This
shows that the active lubrication, aided by a samploportional
controller with cross-coupling retrofit, can enlarghe stable
operational range of the gas compressor. The samavior can be
noticed in case of higher supply pressures. In oad®, =4.0MPg
the instability will occur at the rotation frequgnof 158Hzin the
case of HIB and df77Hzin the case of AHJB.
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Figure 4. Bearing stiffness coefficients as functio n of rotation frequency  f, and proportional gain g1 , for Ps() =1.5MPa.
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Figure 5. Bearing damping coefficients as function of rotation frequency  f, and proportional gain g4 , for Pso =1.5MPa.
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Figure 7. Bearing damping coefficients as function of rotation frequency  f, and proportional gain g4 , for Pso =3.0MPa.

Nevertheless, it is important to point out thatthia special case bearings at the node® and 50, only small relative movements
of multirecess bearings, an increase of the suppdssure will between compressor shaft and bearing housing wilpdssible in
necessarily lead to a simultaneous increase of dfiness such nodes. This will deteriorate the capabilitydigsipation of
coefficients of the bearing. By increasing the fséés of the vibration energy via squeezing the oil film in tbearings. The
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consequence is a reduction of the damping fatinthe case of high bearings, an increase of the supply pressure wilessarily lead to
supply pressures. Moreover, by increasing the supr@ssure from a simultaneous increase of the stiffness coeffisief the bearing.
1.5MPato 4.0MPathe difference between the main coefficients irBy increasing the stiffness of the bearings atrthdes 8 and 50,
the horizontal and vertical directions become kgsificant. Such only small relative movements between compressaift sand

effect can be easily seen comparing the valuésiofooth graphics pearing housing will be possible in such nodess Till deteriorate
in the range of low frequencids . Finally, one can claim that the the capability of dissipation of vibration energy $nueezing the oil
values of damping ratio are reduced at low rotafiequencies by film in the bearings and will reduce the dampingpraSuch a claim

increasing the supply pressure, but the threshéldtability is
increased, although the stability reserve is vewy (values of very
close to zero).
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Figure 8. Damping ratio { associated to the first two bending mode shapes
in the case of gas compressor supported by HJB and AHJB, operating

with two different supply pressures: Ps() =1.5 and 4.0MPa.

Applying the criteria established by the norm ARI7§1995),
one can analyze the rotor unbalance response. diogoto this
norm, for the case in study, the unbalance valugetapplied in the
node of maximum displacement of the model is givien
m,=720g.mm According to this same norm, the vibration anoulé

can be clearly seen in Fig.9.
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Figure 9. Unbalance response of node 28, in Y and X
compressor supported by HIB for

directions, of the

psD =1.5; 2.0; 3.0 or 4.0MPa.

From the viewpoint of active lubrication appliedrtwltirecess
journal bearings with the aim of controlling latedynamics of
flexible rotors a paradigm is reached: a) for inwimg the
performance of the active lubrication in such splediind of
bearings high values of supply pressi®g are needed, once the
saturation of control signals retrofitted to theveealves limits the
range in which the bearing dynamics coefficients ba modified.

limit for the case in study is,=16.65um. The unbalance response of Nevertheless, by increasing the supply pressurerthie stiffness

node28 (largest amplitude) in X and Y directions is iliieged in
Fig.9 in case of hybrid operation with differentlues of supply
pressurd, . One can notice that, for low values &, (1.5 or

coefficients of the bearing will also increase;fdx) reducing lateral
vibrations of the flexible gas compressor it iswémnportant to
allow relative large amplitudes of vibration in thearings, in order

2.0MP3, the unbalance responses of the compressor are lfhincrease the dissipation of vibration energysyeezing the oil

accordance with API limit, even at critical speédit for higher

film. It means that it is important to keep low wes of main

values of Ps, (3.0 or 4.0MPg the unbalance response of theStiffness coefficients, what coerces into workinghviow values of

compressor at critical speeds are higher them tRé liit. As
mentioned before, in the special case of multirecgsurnal
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supply pressure. Fig. 8 presents the comparistimegbassive (HIB)
and active (AHJB) lubrication modes in the rotorbalance
response for an intermediate value of the suppbssure P,
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(2.5MP3, in X andY directions, and for both, the API limit is approx. 12%, fromi58Hzto 177 Hz. Once the stiffness coefficients

obeyed only with the active lubrication mode. Néveless the
improvement in reducing the unbalance
extraordinary significant, because the supply pnessused is
relatively low. Moreover, comparing Fig.9 and Fig.bne can
conclude that a significant reduction of the unbeéaresponse of
node28 can easily be achieved by operating in the (paysiybrid

lubrication mode with low supply pressures in thdeo of 1.5 and

2.0MPa

2.5

AP limit Il

=
&

[y

Y direction [m]

0.5

0 50 100

fr[Hz]

150 200

API limit

=
o

[y

X direction [m]

0.5

0 50

100
fr[Hz]

150 200

Figure 10. Unbalance response of node 28, in Y and X directions, of the
compressor supported by HIB and AHJB, for psO =2.5MPa.

Conclusions

The mathematical modeling for calculating the statind
dynamic characteristics of hybrid multirecess jalirtbearings,
under hybrid and active lubrication regimes, wasspnted. The
feasibility of influencing the oil film dynamic cffecients of such a
kind of bearing by means of the servo control systeas
theoretically illustrated. The feasibility of coaoling lateral
dynamics of a flexible gas compressor and enlardiagstable
operational range were investigated. The activedation, aided by
a simple proportional controller with cross-couplinetrofit, can
enlarge the stable operation range of the gas @sspr. In case of

are strongly influenced by the bearing supply presBs,, a

response @ nsuitable choice of the control gains is necessamomply with the

design requirements, unbalance response limits tAreshold of
instability.

Nevertheless, it is important to point out thatttie special case
of multirecess journal bearings, an increase ofstigply pressure
will necessarily lead to simultaneous increasehef main stiffness
coefficients of the bearing. By increasing the fs&fs of the
bearings, only small relative movements betweefft stmal bearing
housing will be possible. This will deteriorate tkapability of
dissipation of vibration energy by squeezing thkfihin in the
bearings and will reduce the damping ratio assediab the first
bending mode of the gas compressor. Moreover, & significant
and sufficient improvement of the rotor unbalanegponse can be
achieved by only changing the supply pressure gretating the
HJB in its passive form. It is not necessary torafeethe bearing in
the active form.

In contrast to multirecess journal bearings, tijtpad journal
bearings allow a reduction of the main stiffnesshef bearing when
the supply pressure is increased due to the tikement of the
pads, Santos et al. (2004). Thus, the applicati@ctive lubrication
to tilting-pad journal bearings becomes more effiti than the
application to multirecess journal bearings. Thduotion of the
main stiffness coefficients by increasing the sygpkessure allows
an optimal improvement of lateral dynamics of fl#gi rotating
shaft via active lubricated tilting-pad bearings.
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