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Reduction of Squeal Noise from Disc
Brake Systems Using Constrained
Layer Damping

Squeal noise generation during braking is a congéid dynamic problem which
automobile manufacturers have confronted for desad®istomer complaints result in
significant yearly warranty costs. More importanttystomer dissatisfaction may result in
rejection of certain brands of brake systems. ldeorto produce quality automobiles that
can compete in today’s marketplace, the occurresfcdisc brake squeal noise must be
reduced. The addition of a constrained layer mateto brake pads is commonly utilized
as a means of introducing additional damping to bheke system. Additional damping is
one way to reduce vibration at resonance, and hesgeeal noise. The simulation of
braking events in dynamometers has typically bden freferred insulator selection
process. However, this method is costly, time aoisy and often does not provide an
insight into the mechanism of squeal noise genamafThis work demonstrates the use of
modal analysis techniques to select brake dampersdducing braking squeal. The
proposed methodology reduces significantly the laisu selection time and allows an

optimized use of the brake dynamometer to valiselected insulators.
Keywords: Brake, damping, squeal, noise

Introduction

Disc brake noise is an ongoing problem for the mative
industry. Brake noise is perceived by customerbah annoying
and an indication of a problem with the brake systln most cases,
this type of noise has little or no effect on tterfprmance of the
brake system. However, its perception dramaticaffgcts quality
and satisfaction ratings as well as warranty cadis is the reason

why the automotive industry is looking for wayscontrol it.

Considerable effort has been directed at investigagnd
reduction of disc brake noise. Most of this work h&en performed
on problem brake systems whose design is finalfZeidhes et al.,
2002). In these cases, the only solution availabkke application
of noise control methods. As a consequence, addeise control
treatments have become a very common techniquedincing the
brake noise problem. However, the application ekthtreatments is
sometimes regarded as an iterative procedure, whereffects of a
huge matrix are evaluated on a structure experiatignt

In most cases, the iterative procedure to selecappropriate
noise control treatment for brake noise problemslires the use of
an inertial brake dynamometer. This procedure, lvewes costly
and time consuming, because of the interaction éetwthe
properties of damping materials (i.e. loss factod ahear modulus)
and the resonant response of the brake assemldg gid lining,
rotor and caliper).

In contrast, the design of effective noise contnodifications to
reduce the brake noise problem can be achievedesftly using
existing experimental techniques and methodolodiés. first step
is to define the dynamic characteristics of thekbraystem in terms
of noise generation, identifying the source andntieehanism of the
audible noise emissions (Papinniemi et al.,, 20@2)ce these
characteristics are understood, a suitable dampaterial to reduce
a specific brake noise problem can be selectedyusiperimental
technigues and material damping knowledge.

This paper is concerned with describing the appdioeof modal
analysis tools and damping materials knowledgestecs a suitable
brake noise insulator to reduce the squeal noisblgm. This
methodology is applied to a particular brake sysgem the results
obtained are presented. This approach is validétesLigh new
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dynamometer tests, with the selected damping nadhtepplied to
the brake system.

There are several categories of brake noise tlatlassified
according to the frequency of noise occurrenceicallg, there are
three general categories of brake noise: low frequenoise, low
frequency squeal and high frequency squeal (Duetagl., 1999).
Low frequency disc brake noise is a problem thgicslly occurs in
the frequency range between 100 and 1000 Hz. Tlypicanples of
noise problems from this category are groan andnnmmmbse. The
generation mechanism of this kind of problem is fthietion
excitation at the rotor and lining material, whigtovides energy to
the system. This energy is transmitted as a vibratesponse
through the brake assembly and couples with compsnef the
suspension and chassis.

Although the low frequency noise is an importantigem for
certain types of brake systems, the most common ambying
problem is squeal noise (Dunlap et al, 1999). Shisedefined as a
noise whose frequency content is 1000 Hz or highat occurs
when a system experiences very high amplitude nmichla
vibrations. There are two theories that try to akplhow this
phenomenon occurs. The first one is called “stlgk-sAccording
to this theory, squeal is a self-excited vibratajrthe brake system
caused as a result of two factors: the staticidmctoefficient is
greater than the sliding friction coefficient; thedationship between
sliding friction coefficient f and relative slidingelocity V; is

Of /6V, < 0. However, this theory cannot explain why the

tendency of squeal is different when the sameidrictouple pair
(rotor and pads) is used in different brake systé@isung et al.,
2001). Therefore, a second theory, called “sprag-slip”,swa
developed. It demonstrates that the self-excitdatation of the
brake system and the high levels of vibration testdm an
improper selection of geometric parameters of ttakd system. In
this case, two system modes that are geometriozdiiched move
closer in frequency as the friction coefficientreases. These two
modes eventually couple at the same frequency atdhing mode
shapes, becoming unstable (Dihua and Dongying, )19@th
theories attribute the brake system vibration arsequent noise to
variable friction forces at the pad-rotor interfadénese variable
friction forces introduce energy into the systenuriBg the squeal
event, the system is not able to dissipate patisfenergy and the
result is the high level in the amplitude of vilioat

ABCM



Reduction of Squeal Noise from Disc Brake Systems Using ...

These two theories have been investigated and stisduby
researchers, but previous brake squeal experiemteh@ majority
of research literature considers the geometricabity to be the
major mechanism of generation of brake squeal (Kzheid et al.,
2001).

There are two types of brake squeal: low frequeareg high
frequency squeal. The difference between themesnbde shapes
involved in the modal coupling mechanism. For the frequency
squeal, the modal coupling occurs between the bpltame modes
of the rotor and bending modes of the brake pad.tRe high
frequency squeal, the modal coupling occurs betwkenin-plane
modes of the rotor. The brake rotor is much stiffethe in-plane
direction than in the out-of-plane direction. THere, the resonance
frequencies of the in-plane modes of the braker rate higher than
those of the out-of-plane (bending) modes. Figurshbws the
coupling possibilities between brake components.

In-plane modes
of brake rotor

Rotor

Bending modes
of brake pad

AAA

Out-of-plane modes
of brake rotor

Figure 1. Coupling possibilities between brake components.

Typically, the high frequency squeal occurs forgtrency
ranges between 8 and 16 kHz, while low frequenayeafjoccurs
between 1 and 7 kHz. Since the human ear is masitse to the
frequency region between 1 and 4 kHz, the low feeqy squeal is
considered the most annoying type of brake noise.

For these reasons, this paper attempts to evalcaigrol
methods for the low frequency squeal problem usitagnping
materials, and also procedures for selecting anoapiate damping
material to fix a particular problem of low frequsnsqueal in an
existing disc brake system.

Characterization of Brake Noise Generation

Perhaps one of the most important pieces of infdamarom
brake systems is the characterization of the ngemeration via
dynamometer or vehicle testing. Tests on vehicles weery
imprecise, because it is impossible to control #agiables like
velocity, brake pressure and temperature in o@@raduce results
that represent the characteristics of brake noéeigtion. On the
other hand, dynamometer tests allow us to apprdheh real
behavior of a brake system in practice, controlliggameters such
as rotation, braking pressure and temperature whierding the
sound pressure level and frequency of noise oatcese The disc
rotation is achieved by electric motors connectedatshaft with
inertial wheels, simulating the inertia effectstoé vehicle. Figure 2
shows of the components of an inertial brake dymaeter.
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Figure 2. Components of an inertial dynamometer.

Measurements were taken for brake temperaturesebats0
and 300 °C. The braking pressure varied from 5Qobdr. The
acquisition system stored the data of the braketevia blocks with
the same temperature and pressure conditions, iajova
comparison between the different conditions to firedjions of
temperature and pressure where the noise occurs.

Each brake event lasts approximately 10 secondsn@®this
period, data were sampled in a certain number wispectra of the
microphone signal. The Sound Pressure Level (SBpdrted for
each brake event is the maximum value measured gnadin
autospectra.
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Figure 3. Noise occurrences obtained with dynamometer test.

Figure 3 shows the results obtained for the basebrake
system, i.e, without any modification to its compots. The
dynamometer results show a strong noise frequermynd 7 kHz,
together with other peaks across the whole frequeramge.
However, the number of occurrences and the ampliafdhe SPL
peak indicate that the noise at 7 kHz is the mogbitant problem
in this particular brake system under investigatfigure 4 shows a
noise map obtained with the dynamometer test.rtlsa seen that
the highest SPL peak occurs for a frequency aroutdHz, for a
temperature around 150 °C and for a pressure b&5This kind of
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information is important to identify which class mdise problem is
responsible for the high noise levels from the braystem.
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Figure 4. Noise map for baseline brake system.

The next step is to determine the modal behaviaagh brake
component to verify whether any component has @ne@se
frequency near 7 kHz, and more importantly, to defeotential
modal couplings between them. Therefore, a modallyais
procedure is applied for each component, i.e, rp@ds and caliper,
and the natural frequencies and mode shapes of twaponents
are obtained.

Characterization of the Dynamics of Brake Components

Squeal noise occurs only when the brake system coemgs
demonstrate resonance vibrations (Boss and Balv2@Dl).
Therefore, it is very important to determine thedalobehavior of
the components to understand the problem.

Modal analysis of individual components allows asgain an
insight into potential coupling modes, which is, asentioned
before, one of the causes of squeal noise generdtioorder to
obtain the modal parameters of brake componentsh eae is
modeled through a mathematical mesh to represegédametry.

Pad, rotor and caliper Frequency Response Func{loRE’s)
were measured by exciting each component with gadginhammer
and measuring the acceleration response with d aowlerometer.
Then, the FRF’s were processed by CADA-X softwarerder to
identify the modal parameters, i.e, resonance &egies, modal
shapes and damping values.

Modal Analysisof Brake Pads

The modal analysis of brake pads is perhaps the imp®rtant
process to understand in order to find solutiorstiie disc brake
noise problem. Some properties like loss factotunah frequencies
and mode shapes of brake pads are crucial in dgfinhich type of
brake noise problem may occur.

The brake pad was supported by two slender cablesder to
simulate a free-free boundary condition. The free-fcondition
allows the structure to vibrate without interfererfiom other parts,
making the visualization easier of mode shapescéstsa with each
natural frequency. Moreover, in this case, thedrighdy oscillation
frequency of the assembly (suspended pads) is fowdr than the
first natural frequency of the structure (pad). FRistance, the
assembly rigid body frequency is around 5 Hz, wiihe first
natural frequency of the brake pad occurs aroud 2.
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Figure 5. Example of excitation autospectra used in the modal testing
procedure.

The excitation was provided by a small impact ham(R€B
086D02), with sensitivity of 22 mV/N and with a b&ip to achieve
frequencies up to 16 kHz (see Figure 5). In ordeavioid errors due
to the effect of transducers in the dynamic properof the brake
pads (additional mass), a light small accelerom@é&B 352B10),
with sensitivity of 10 mV/g, was used to obtain theceleration
response. The accelerometer was kept at a fixed (sme Figure 6)
and the excitation was applied at all points (rgvinethod). The
analysis was carried with 4096 data points, 163824 &f maximum
frequency and frequency resolution of 4 Hz. An exgial time
weighting function (window) was used for the respoignal (5%
decay and damping correction) and a transient windas used for
the force signal. The modal parameters were esdaasing the
time domain method (least squares complex). Figushows the
mode shapes and Table 1 presents the resonanuerices and the
damping loss factors obtained for the brake pad.

Accelerometer point

100 mm

150 mm

Figure 6. Mesh used for modal testing procedure of the brake pad.

3D viewpoint

2D viewpoint

o\

1% bending

_

274 bending 3 bending

Figure 7. Mode shapes for brake pad.

The mode shapes for the brake pad are very sitoilaending
and twisting modes of beams. The pad length isdorigan the
width. As a consequence, the bending modes alandptiger edge
occur first. From the modal coupling point of viethe bending
modes are more important than the twisting modesndst cases,
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the modal coupling occurs between pad and discibgnaodes,
since the disc does not have a defined shape fstirtgy modes.

Table 1. Modal parameters obtained for brake pad.

Vibration Resonance Mode shape | Damping Loss
Mode Frequency (Hz) Factor (%)
1 2620 # bending 0.678
2 3757 2 bending 0.646
3 6650 & bending 0.641
4 7153 F twisting 1.052
5 8623 29 twisting 0.448

Modal Analysisof Disc

In the same way as that for the brake pad, the haddysis of
the disc was carried out. The mesh was construgitid111 points
to avoid space aliasing. During the measuremehts,rétor was
supported by a foam block, in order to simulatecafree boundary
condition. Experiments show that analysis with dixboundary
conditions, i.e, disc fixed on the brake knuckletdwnlts, generates
mode shapes very close in form to the mode shapaied for the
rotor in the free-free condition.

The disc mesh represents only the border, bectesdisc hat
and bolt area can be considered without influentehe coupling
mechanism. Furthermore, the mode shapes founchésetregions
are located at high frequencies, beyond the frequenange of
interest for the analysis of potential coupling medFigure 8 shows
the modal shapes and Table 2 presents the natacalehcies and
damping loss factors obtained for the brake diswimmal direction.

N

10% bending

gh bendhg 9% bending

Figure 8. Mode shapes for brake disc.

The excitation was provided by an impact hammehé&normal
direction. For this reason only the bending modegevobtained by
this modal analysis. To obtain the modal parametersthe
tangential direction, a new procedure is necesddoyever, this
paper addresses only modal coupling in the nornrattbn, i.e.,
between bending modes of the disc and pads, wlocthe purpose
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of this study, is sufficient. For this case, a matelysis in normal
direction is enough.

The pad presents less vibration modes than the disr the
same frequency range. Furthermore, the dampingféassr values
associated with the pad vibration modes are higieer those of the
rotor, because the friction material provides cdesibly more
damping than the cast steel used in the disc. @maequence, there
is a tendency for the disc modes to be the majtraénant of the
squeal frequency.

Table 2. Modal parameters obtained for brake disc.

Vibration Resonance Mode Damping Loss
Mode Frequency (Hz) shape Factor (%)
1 1090 2 bending 0.247
3 2210 ¥ bending 0.128
6 3600 A bending 0.108
10 5320 § bending 0.130
13 7320 & bending 0.176

As mentioned before, squeal noise usually occursneber a
number of brake components, such as pad and dést ts vibrate
together, creating a coupled system mode. Conaiglé¢hie bending
modes coupling, when the components have the saawelength
and frequency, they will be geometrically matched will vibrate
in phase (Fieldhouse, 1999). In this case, thdidricdamping is
minimized and the system works as a loudspeal@igtiag sound.

Analyzing the results obtained with the modal asialpf brake
components together with their geometry, it cambticed that the
third bending mode of the brake pad and the sigtiding mode of
the disc can couple and create a system mode. hitte dending
mode of the pad has a resonance frequency arols@ 188, while
the disc resonance occurs at 7320 Hz for the $igtiding mode.
The wavelength for the pad mode is approximately hdn and for
the disc is 112 mm, considering these two bendindes, as shown
in Figure 9.

100 mm
=

Pad

1=119.5 mm

100 mm
112 mm

=96 mm

rotor

Figure 9. Wavelength coincidence between disc and pad.

Thus, there is a wavelength coincidence betweerapddlisc in
this situation, leading to the appearance of a lssumode. Figure
10 shows an overlap between third pad bending raodethe sixth
disc bending mode.
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2D viewpoint 3D viewpoint

Rotor

Rotor

Figure 10. Modal coupling between modes of pad and disc.

Figure 11 shows a comparison between two frequesgponse
functions, measured for rotor and pad. The thirddiey mode of
the pad and the sixty bending mode of the discpaieted out on
the graph.

Maggnitude Tnertance (dB)

* o L?

0 1000

2000 3000 4000 5000 6000 7000 3000 5000 110 1210*
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Frequency (Hz

Point Inertance - Rotor
~ - - Point Inertance - Pad

Figure 11. Frequency response functions for rotor and pad.

Behavior of Brake Components Under Pressure

It should be noticed that the resonance frequericthe two
modes involved in the potential coupling is slighifferent.
However, when the brake system works under pressune
temperature, the dynamics of the brake componemtsclzanged
significantly. This behavior is more pronounced tfee pad than for
the disc, because of the friction material. Thec dssmade of cast
iron while the brake pad has a significant proportof friction
material, which can be compressed by the brakespresDue to
this compression, the stiffness of the pad is msed, moving the
resonances to higher frequencies. On the other, hitued brake

pressure has little influence over the disc. Tlereefthe resonance

frequencies of these two components change atefiffeates when

M. Triches Jr et al

As a consequence, for high pressures, the thirdibgrmode of
the pad and the sixth bending mode of the rotorstart do vibrate
together in a coupled mode. This fact is in accoecdawith Figure 4,
which shows noise occurrence at higher pressures.

The effect of the braking pressure can be analyzedrms of
standing and traveling waves on the brake rotor tf@ system here
analyzed, at low pressures, rotor and pads ardybiareontact. As
contact pressure increases, the vibration amplifpelgks (on the
mode shape) start to move with respect to the pladthis case,
there is a traveling wave in the disc. At high ptees, rotor and pad
modes start vibrating in phase. In this situatibre, anti-nodes no
longer rotate, but remain in the same position @ldne rotor
diameter, characterizing a standing wave.

Behavior of Brake Componentsin Relation to Temperature

Temperature has an effect similar to pressure. Newean
increase in temperature causes a reduction intiffreess of brake
components. As a result, the resonance frequencthefbrake
components tends to decrease. In the same wayaagothbrake
pressure, the effect of temperature is more impoffiar the brake
pad, again due to the presence of friction mateffigiure 13 shows
this effect for the brake pad resonance frequencssidering the
first and second bending modes.

1280 4000
¥ ¥
= OoT=25C = OoT=25C
1240 —_— 3000
g BT=100c]| | & mT=100C
g g
g 1200 g 3800
= =
g 1160 o 3700
c 7 c
[ y [
2 2
£ . g
1060 Z) 500
First bending Second bending

Figure 13. Influence of temperature on modes of disc and pad.

For high temperatures, the third bending mode efphd and
the sixth bending mode of the disc tend to mismadnsequently,
the modal coupling between these two modes doeswur and
squeal noise is not radiated. This also fact congowith Figure 4,
which shows that the high sound pressure leveleapfor low
temperatures and for high pressures.

Once the squeal noise mechanism is identified laed/ibration
modes involved in the problem are detected, noisatral
possibilities can be tested.

Constrained Layer Material

Low frequency brake squeal noise is due to the lgugip

brake pressure is appli€@riches et al., 2002), as shown in Figurebetween the bending modes of vibration of the @isd the pad.

12.

Region of
coupling

[

Pad (100°C)

Rotor (100°C)

Resonance Frequency

Braking Pressure

Figure 12. Influence of pressure on modes of disc and pad.
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When the two components, disc and pad, start tcatabtogether,
the system damping for that specific system resomas reduced,
since the joint damping between pad and disc deese¢gBalvedi et
al., 2002). As a consequence, the friction forcag mtroduce more
energy into the system than it can dissipate.

This class of squeal noise can be avoided with wateqdesign
of the components, keeping the resonances aparthisp changes
in the geometry of the pad, like chamfers and stmtghanges in the
mechanical properties of the components (stiffnesss) can avoid
possible modal couplings.

Nevertheless, the modal coupling mechanism is ialeenced
by the boundary conditions of the system, espscibliaking
pressure and temperature, as mentioned before.

ABCM



Reduction of Squeal Noise from Disc Brake Systems Using ...

One can conclude that, even with changes in thengey of the
pad, pressure and temperature may contribute todhgling of the
same modes in a different boundary condition. Exere likely,
modes formerly uncoupled may have closer frequenaed
matched wavelengths, generating squeal at a diffémequency.

In summary, modifications in geometry and matepiaperties
are not always effective to control this categofsgueal noise. If
the system generates more energy than can beates$jpncreasing
the system damping can control the noise radidtha additional
damping can be obtained using constrained layepdematerials
(called insulators).

Steel
Rubber
Steel

Backplate Insulator a

0,825 mm
5 mm

Figure 14. Brake noise insulators.

Brake noise insulators consist of a sandwich of steel| plates
separated by a viscoelastic or a rubber core, &s iseFigure 14,
and its application to control brake noise has bex@ne of the
most efficient solutions. The insulator is verynttand it is bonded
or mechanically attached to the pad backplate.

When the pad vibrates in the bending modes, a i@nsd layer
material with a viscoelastic core bonded onto thd packplate is
submitted to mechanical deformations, converting plthe energy
into heat by shear damping (Reddy, 1997), reduttiegvibration
amplitude of the component (see Figure 15).

—— Steel plate
—— Viscoelastic material
— Steel plate

1a) Undeformed 1b) Deformed

Figure 15. Shear damping in constrained laminated materials.

As previously stated, due to the behavior of fostimaterial,
brake pressure and temperature have a great ic8uem the
characterization of the pad vibration modes anditsnnatural
frequencies (Triches et al., 2002). So, for a braketem, the
occurrence of squeal is a variable dependent orsethisvo
parameters. Other important point is that the \@fxstic or rubber
material, which is used in the constrained layko &as properties
highly dependent on pressure, temperature and dnayu Young's
Storage Modulus characteristically decreases withinerease in
temperature, while the loss factor reaches its mari value at the
transition temperature (Ungar et al., 1972), asvshim Figure 16.
Frequency can have different effects, dependinthertemperature
region studied. In general, the loss factor tendset proportional to
frequency in the rubbery region, reach its maximuatue in the
transition region and tends to be inversely prapoal to frequency
in the glassy region. Pressure affects the phenamémelaxation
and recovery of the chains of polymers, changing dynamic
behavior of the viscoelastic materials. Therefotiee suitable
damping material selected must be appropriate Herdonditions
under which squeal occurs.
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Figure 16. Effect of temperature and frequency on the properties of
viscoelastic materials, where G is the storage modulus (real part of the
complex modulus) measured for shear deformation (Jones, 2001).

Considering the dynamometer tests, for the pasrcilrake
system here analyzed, squeal noise occurs at aefneg around
7000 Hz, and within temperature and pressure raofy@50 — 175
°C and 25 — 30 bar, respectively. Therefore, the@sed insulator
must have a good performance under these conditions

Selection of I nsulators

The classical method for selecting an insulatorgduce the
squeal noise problem is the simulation of the brakent in an
inertial dynamometer. A set of insulators is tested the results are
analyzed. The insulator which presents the bestenmduction is
chosen. However, this method is very expensive dinte
consuming. Besides that, it doesn’t provide angimsiinto the
mechanism of squeal noise generation.

This paper presents a methodology for selectingnanlator
based on modal screening. The proposed methodoéulyces the
insulator selection time significantly and alloves in optimum use
of the brake dynamometer to validate selected &tstd. Hence, the
dynamometer is used only to validate the insulatected by the
modal screening method, saving time and reducistsco

Knowing the characteristics of the squeal probldémg(ency,
temperature and pressure at which the noise occtirs) brake
insulator can be selected through the dynamics hef lbrake
components.

The purpose of brake shims is to add damping tdthke pad
and, consequently, to the whole brake system. Tdrere the
capacity of an insulator to add damping can beuatatl through
mobility measurements on the brake pad, for a rafgemperature.
For this, different types of insulators were bondedhe pads and
measurements of Frequency Response Functions (FREse
carried out inside an oven, to evaluate the chamgless factor.

As previously shown, the modal coupling responsible the
squeal noise generation occurs between the thindibg mode of
the pad and the sixth bending mode of the discs;Tthe loss factor

July-September 2004, Vol. XXVI, No. 3/ 345



was evaluated for the third bending mode of the, faddifferent

types of insulators. In order to get the loss facpmint mobility

functions were measured for a range of temperdteteeen 75 and
300°C. Figure 17 shows the results obtained for thelpssl factor
of four types of insulators, evaluated for thedHd¥ending mode of
the pad.

008

——Pad Baseline

—m— Pad with insulator # 1
—i— Pad with insulator # 2
—<—Pad with insulator # 3
—#— Pad with insulator # 4
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Figure 17. Loss factor for the pads using different insulators under
temperature.

Notice that for temperatures around F&Dinsulator # 2 shows
the best performance in terms of loss factor addetle brake pad.
However, the capacity of the insulators to add dam the whole
system also needs to be verified. Thus, frequeesyanse functions
of the assembled system were measured, evaludtaglytnamic
properties of the system resonance, around thaidrexy of the
sixth disc bending mode. Frequency and, more irapdst,
damping of this mode were measured as a functiorbrake
pressure. This approach allows the analysis ofp#réormance of
the insulator under different boundary conditionfs tke brake
system.

Analysisof Assembled Brake System

The frequency response analysis of the assembbde b
system was performed for a determined range ofebpalessure.
This technique allows the quantifying of the dangpat the system
at the critical mode for each insulator configwmti This test
provides the level of damping in the system ando¢fon the noise
problem.

The technique consists of measuring frequencyoresp
functions at points of disc and external pad, éxgithe disc using
an impact hammer. In this experimental method,dise remains
static. As a consequence, the friction mechanissived taken into
account. Thus, the input energy introduced by ttetidn between
pad and disc is replaced by the excitation providgdhe impact
hammer. This is a simplification, because in regétems the
excitation is not kept constant but varies as actfon of the
boundary conditions of the brake system. Howevérgces the
excitation provided by the frictional contact beemerotor and pads
has a broadband feature, the point force providedhe impact
hammer can be used to represent the behavior afipé excitation
energy (McDaniel et al., 1999).

This technique allows the measurement of the systamping
considering exclusively the mode coupling phenométigure 18
shows a sketch of the test setups.
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Figure 18. Setup for measurement of system Frequency Response
Function (FRF) as a function of pressure.

In this way, having determined the main modes nesitde for
the squeal noise generation, the system loss faetobe evaluated
for different shim configurations. Moreover, quéyitig the system
loss factor makes it possible to predict the padérfor squeal
occurrence and which shim fits better for a spegifoblem.

The point frequency responses for the disc werentadt the
same position for all measurements and for differéning
pressures, in steps of about 25 Psi and at roomeeture. Figure
19 shows a waterfall plot of the frequency respdasetions for the
baseline system, without noise insulators.
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Figure 19. Frequency response measurement on the assembled system
with baseline pads.
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Observe that the resonance frequency (7200 Hz)redouthe
vicinity of the squeal frequency measured in thexaigometer.
Notice also that the assembled brake system witls pa the
baseline condition has a system loss factor, femtiode of interest,
in the order of 0.01, which is considered low.

At very low pressures, disc and pads are barelghiog and the
measured system damping is similar to the dampinthe sixth
bending mode of the disc. As the pressure staitetease, the disc
comes into contact with the pads and the systenpul@nstarts to
increase (friction damping). However, as the pressontinues to
increase, the resonance frequency of the pad seseat a higher
rate than that of the disc until both modes coupld the
components start to vibrate together in the sam®rmetion
pattern. In the pressure range within which disd @ad start
vibrating in-phase, the system mode frequency mdeem. In this
case, the system rigidity is reduced, since paglsiaw vibrating in-
phase with the disc and the most dominant effetttdspads adding
mass to the system mode. After that, for high press the system
damping is dramatically reduced and the vibratiampktude
increases. This behavior is shown in Figure 20.
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Figure 20. Loss factor obtained for assembled brake system.

Under the described conditions, it is necessarintcoease the
system damping to avoid the squeal noise radiatitiith this
purpose, insulator # 2 was bonded to the pad batkmnd the
aforementioned procedure was repeated.

With insulator #2, the system loss factor incregsee Figure
20) and the amplitude of vibration decreases, as/shn Figure 21.

A significant gain in the system damping can benseden
noise insulators are used, mainly in the pressamge where the
modal coupling occurs. For high pressures, the degnipss factor
had its value multiplied by three. Besides thisisitimportant to
remember that the frequency response measurememts oarried
out at room temperature, while insulator # 2 shaiws best
performance around 15C.
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Figure 21. Frequency response measurement on the assembled system
with noise insulator #2.
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Therefore, for the brake system analyzed here,latmu#2
would be the best choice. To confirm the perfornearnd the
selected insulator, new dynamometer tests wereonpeedd. The
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Figure 22. Noise map for brake system using noise insulators.

Furthermore, the number of noisy stops for the dragstem
using noise insulators was much lower than forlihseline brake
system, as shown in Figure 23.

9% of noisy occurrence

Baseline brake system

Brake system vith insulator # 2

%> 70 dB

Figure 23. Noise occurrences for brake system with insulator # 2 and for
baseline condition.

In summary, a suitable noise insulator for a paltéc brake
system was selected using two dynamometer testthefmore, the
modal screening method allowed gaining an insightb ithe
mechanism of squeal noise generation.

Conclusions

Despite a century of developing disc brake systetiss, brake
squeal remains a largely unresolved problem. Thisat to say,
however, that no progress has been made. Many imgyeal and
analytical studies have led to insight on the fectontributing to
brake squeal or to the amelioration of squeal Bc dirakes of a
specific type or in a particular make and modelaotomobile.
Experimental studies have accumulated a wealthnfafrmation
about the nature of squeal, the vibration modesethethe wear of
brake components and frictional interactions irkbsa

The design of modifications to a given brake systeroontrol
noise has too often been regarded as a “cut arté pagrial and
error” procedure, where the effects of a huge matof

results are shown in Figure 22, which illustratest the noise at the modifications is experimentally evaluated on a ctree. This

frequency around 7 kHz has lower amplitude thart fba the
baseline condition, when the brake system has rs® fiosulators.
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approach is sometimes successful but always exgersid time
consuming. Often, no knowledge is gained even folition is
found.

The presented methodology proposes only two dynastem
tests. The first test has the purpose of charaetettie system,
finding sound pressure level maps (contour pldtewed in Figures
22 and 4). The final test is carried out just tdidate de selected
insulator. Through the initial dynamometer testyiéts verified that
squeal noise occurs in discrete tones, indicatiegdependency of
the coupling modes of the brake components on éterihination
of the squeal frequency. Dynamometer results dtewed some
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variation on the squeal noise frequency. This wa#ated to the
strong dependency of the system braking parameterghe

operating boundary conditions of the brake systespecially
braking pressure and temperature. This phenomerasnaigo seen
during the static system frequency response measuts, where
the third bending mode of the pad and sixty bendimagle of the
disc, originally separated by 760 Hz, moved clogerfunction of
braking pressure.

The modes involved in the coupling mechanism weratpd
out through modal analysis and frequency responsgctibn
measurements. Together with the information pravidge the initial
dynamometer test, this experimental procedure cbaldpplied as
an effective tool for selecting damping materiasfix a specific
problem.

The application of constrained layer materialsdd damping to
the brake system can be considered as an effisiduiion to reduce
the squeal noise problem. The final dynamometet $hewed
reductions about 20 dB for some frequencies, inchse of the
system using the selected insulators. Howeverséhection of the
insulator is not a straightforward procedure andstmiake into
account the effects of temperature and brake pressu

M. Triches Jr et al

company MSC Laminates and Composites. The authsostiaank
the software suppliers LMS International and Sreatit
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